Análisis y optimización de un intercambiador de calor con flujos en contracorriente by Marín Barbancho, Pablo
 ANÁLISIS Y OPTIMIZACIÓN  DE UN 
INTERCAMBIADOR DE CALOR CON 
FLUJOS EN CONTRACORRIENTE 
 
SEPTIEMBRE 2017 
Pablo Marín Barbancho 
DIRECTOR DEL TRABAJO FIN DE GRADO: 
Ángel Jiménez 
 
P
a
b
lo
 M
a
rí
n
 B
a
rb
a
n
c
h
o
 
 
TRABAJO FIN DE GRADO PARA 
LA OBTENCIÓN DEL TÍTULO DE 
GRADUADO EN INGENIERÍA EN 
TECNOLOGÍAS INDUSTRIALES 
 
Contents
1. Introducción . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 3
2. Modelo del intercambiador de calor . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 3
3. Análisis de los resultados . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 10
4. Optimización de las dimensiones de la aleta . . . . . . . . . . . . . . . . . . . . . . . . . . . . 13
1

1. Introducción
El informe que se presenta a continuación es un resumen traducido del Trabajo de Fin de Grado "Analy-
sis and Optimization of a Cross Flow Heat Exchanger", desarrollado como parte del Programa Erasmus
en la Universidad Católica de Lovaina.
El proyecto analiza el diseño y el rendimiento (termal e hidráulico) del intercambiador de calor modelo
APH VIII-31-2658-HTB-P2(8/2) por petición de su fabricante, la empresa ByCast. ByCast es una com-
pañía con sede en Flandes, Bélgica, focalizada en sistemas y aparatos de recuperación de calor. Este
informe fue desarrollado en la Universidad Católica de Lovaina, gracias a la relación de la Universidad
con la compañia ByCast.
El objetivo final del proyecto es analizar el desempeño del intercambiador de calor en función de ciertos
parámetros de diseño (en particular, las dimensiones de las aletas), y posteriormente, optimizar estas
dimensiones con la intención de minimizar los requerimientos de material para fabricar el aparato, y al
mismo tiempo mejorar su eficiencia.
En primer lugar, una descripción del modelo usado para simular el comportamiento del intercambiador
y su geometría será presentada. El modelo fue implementado en Matlab, el análisis de los resultados se
muestra en una segunda parte. Finalmente, la optimización de las dimensiones de las aletas se discute
en una última parte.
2. Modelo del intercambiador de calor
El objetivo del intercambiador de calor es transferir calor desde un flujo de gases calientes (represen-
tado en la Figura 1 por las flechas rojas) a un flujo de aire frío (representado en la Figura 1 por las flechas
verdes). Como consecuencia de esta transferencia, el fluido caliente abandonará el intercambiador a
una temperatura menor que la de entrada, y el fluido frío (aire) abandonará el intercambiador a una
temperatura mayor.
La geometría del intercambiador está caracterizada por un conjunto de 31 columnas verticales y 8 fi-
las horizontales que definen los canales. Los flujos caliente y frío permanecen separados en el interior
del intercambiador, lo que significa que de las 31 columnas, 16 son atravesadas por el flujo caliente y
las restantes 15 por el flujo frío. Ambos flujos se cruzan en direcciones perpendiculares en el intercam-
biador, siguiendo los principios del intercambiador de calor en contracorriente. El flujo frío revierte
después de un primer paso, creando un intercambiador de dos pasos.
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Figure 1: Vista esquemática de la geometrá del intercambiador modelo APH VIII-31-2658-HTB-P2(8/2)
La transferencia de calor tiene lugar al nivel de los canales, a través de las placas que los definen. La
unión entre un canal frío y uno caliente se define como tubo, y se muestra en la figura 2.
Figure 2: Ampliación de tubo formado por dos canales
Para mejorar esta transferencia, la superficie de intercambio de calor es maximizada mediante la adición
de aletas. En lo referente al cálculo del volumen de metal necesario para fabricar el intercambiador, la
superficie aleteada es aproximada a un conjunto de aletas de forma rectangular, definidas por cuatro
parametros: el espacio entre aletas (s), la altura de la aleta (h), la longitud de la aleta (l) y la anchura de
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la aleta (t). La Figura 3 representa una placa del intercambiador con dos aletas rectangulares.
Figure 3: Placa con dos aletas rectangulares
Siguiendo esta aproximación, el volumen de metal necesario está compuesto por el volumen de las
placas paralelepípedas (de lados Lh, Lc y anchura Wp) más el volumen de las aletas. Este último termino
viene representado por la expresión
Vf in(1plate) = 2V1 f in( f/p) = 2(htl)round
[
LhLc
l(s+t)
]
donde el término ( f/p) representa el número de aletas por cada cara de la placa, el término V1 f in indica
el volumen de una única aleta, y el 2 multiplicando indica que ambas caras de la placa están cubiertas
de aletas.
Las siguientes dimensiones corresponden al modelo original desarrollado por ByCast
Dh = Dc = 72mm,
Ca = 443mm,
Lc = 2658mm,
Lh = 8Ca = 3544mm,
h = 33mm,
t = 4mm,
s = 12mm,
l = 45mm.
y dan lugar a un intercambiador que requiere 6.32m3 de metal en su fabricación.
El siguiente paso es el desarrollo de los modelos termal e hidráulico. El objetivo del modelo termal
es la obtención de la efectividad, una medida de la cantidad de calor real intercambiado frente al máx-
imo posible calor intercambiado según los principios termodinámicos. Para calcular esta efectividad, es
necesario conocer las temperaturas de ambos flujos a la salida y a la entrada. Conocidas las temperat-
uras de ambos flujos a la entrada, las temperaturas de salida pueden calcularse resolviendo el siguiente
5
sistema en derivadas parciales:
(m˙c)h
LhLc
∂Th
∂x
+ 2hh(Th − Tw) = 0 (1a)
(m˙c)c
LhLc
∂Tc
∂y
+ 2hc(Tc − Tw) = 0 (1b)
hh(Tw − Th) + hc(Tw − Tc) = 0 (1c)
El significado de los distintos términos y la resolución del problema se describen con más detalle en el
informe original.
El modelo hidráulico proporciona las caídas de presión de ambos flujos a través del intercambiador,
importantes para estimar la potencia necesaria para impulsar los gases a través del aparato.
Para resolver los modelos se emplean correlaciones obtenidas de la literatura. Estas correlaciones son
expresiones que relacionan la geometría de la superficie de transferencia de calor con propiedades de los
fluidos de intercambio y parámetros de transferencia de calor, como el coeficiente de convectividad h.
Las correlaciones empleadas en este análisis son las desarrolladas por Joshi y Webb, y las desarrolladas
por Manglik y Bergles. Ambas están basadas en la superficie aleteada mostrada en la Figura 4, conocida
como conjunto de aletas de tira offset.
Figure 4: Vista esquemática de la superficie aleteada, Manglik and Bergles (1995)
La superficie aleteada del intercambiador estudiado se aproxima a la estructura offset a la hora de re-
solver los modelos. Esta estructura está definida por los mismos parámetros s, h, l y t; además de por
tres parámetros adimensionales que relacionan estas dimensiones, mostrados en la figura (α, δ, γ).
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Una vez definido el modelo, los siguientes datos fueron utilizados como entrada para obtener la efec-
tividad y las caídas de presión: los caudales másicos de ambos flujos, las temperaturas de entrada de
ambos flujos, y las propiedades de los fluídos.
m˙h,total = 115000
kg
h = 31.94
kg
s
m˙c,total = 100000
kg
h = 27.8
kg
s
Th,in = 350◦C
Tc,in = 66.5◦C
Propiedades de los fluídos Flujo caliente Flujo frío
Densidad, ρ 1.293 kgm3 1.204
kg
m3
Capacidad calorífica específica, c 1102 JkgK 1026
J
kgK
Conductividad térmica, k 0.024 WmK 0.024
W
mK
Viscosidad dinámica, µ 1.8121 · 10−5 kgms 1.8121 · 10−5 kgms
Table 1: Propiedades de los fluidos
Esta información fue proporcionada por ByCast, al igual que los resultados de medidas sobre el inter-
cambiador real. La comparación entre los resultados reales y los proporcionados por el modelo permite
destacar las limitaciones del mismo. La Tabla 2 muestra los resultados experimentales, la Tabla 3 mues-
tra los resultados del modelo implementado en Matlab.
Resultados experimentales Flujo caliente Flujo frío
Caída de presión, ∆P 607.5Pa 894.1Pa
Temperatura a la salida, Tout 179◦C 274.4◦C
Efectividad, e 0.73
Table 2: Resultados experimentales
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Joshi and Webb Manglik and Bergles
Flujo caliente Flujo frío Flujo caliente Flujo frío
Caídas de presión, ∆P 292Pa 804Pa 596Pa 1683Pa
Temperatura a la salida, Tout 191.2◦C 225.3◦C 177.3◦C 239.4◦C
Efectividad, e 0.56 0.609
Table 3: Resultados del modelo
Como se puede observar, hay diferencias entre ambos resultados debido a las aproximaciones realizadas
en el modelo. En primer lugar, se asume que las propiedades de los fluidos permanecen constantes pese
al cambio de temperatura.
En segundo lugar, el modelo calcula la velocidad en el interior de los canales del intercambiador, con-
siderando la presencia de las aletas en la sección del canal. El punto en el que se mide la velocidad del
fluido en el experimento es desconocido. Esto lleva a diferencias en las velocidades y caídas de presión
entre experimento y modelos, aunque en todos los casos se aprecia que la caída de presión del flujo frío
es mayor que la del caliente, y los ordenes de magnitud son similares.
Finalmente, se observan diferencias en las efectividades calculadas. Los números de Reynolds corre-
spondientes al modelo están fuera del rango definido por Manglik y Bergles para una aplicación más
precisa de las correlaciones. Esto lleva a una subestimación del coeficiente de convectividad h, que afecta
a la efectividad.
La relación entre efectividad y coeficiente de convectividad se manifiesta en la Figura 5, que representa
la efectividad como función de NTU (Número de Unidades de Transferencia), que a su vez es función
de h según la expresión
NTU =
UA
Cmin
con U = 2
(
1
hh
+
1
hc
)−1
y A = LhLc (2)
Según esta expresión, un valor de h subestimado conduce a valores menores de NTU, y de acuerdo
con la Figura 5, esto resultaría en efectividades menores. Este razonamiento explica la diferencia en las
efectividades obtenidas por ambos modelos con respecto al valor experimental.
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Figure 5: Efectividad función de NTU para distintos CminCmax
El modelo es aplicado no sólo a los caudales másicos nominales, indicados por el fabricante, sino que se
aplica a cuatro caudales no nominales para estudiar la influencia sobre los resultados. Estos caudales se
mantienen fijos en los cálculos, y proporcionan los siguientes resultados:
Effectiveness m˙× 5 m˙× 10 m˙/5 m˙/10
e 0.46 0.4 0.72 0.77
Table 4: Efectividad para distintos caudales másicos fijos para el diseño original
Pressure drop m˙× 5 m˙× 10 m˙/5 m˙/10
∆Ph 9192Pa 29867Pa 38Pa 11.9Pa
∆Pc 25961Pa 84347Pa 109Pa 33.6Pa
Table 5: Caída de presión para distintos caudales másicos fijos para el diseño original
Se puede apreciar que caudales menores llevan a un mejor comportamiento térmico e hidráulico (mayor
efectividad, menor caída de presión). No obstante, el valor del caudal no puede ser siempre seleccionado
por el ingeniero, en la gran mayoría de los casos viene impuesto por el sistema donde el intercambiador
está integrado.
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3. Análisis de los resultados
En esta sección se estudia el comportamiento térmico e hidráulico del intercambiador de calor en fun-
ción de las dimensiones de las aletas, siguiendo el modelo basado en la estructura offset. Debido a una
mejor aproximación, las correlaciones de Manglik y Bergles son empleadas en los cálculos para obtener
los gráficos.
En primer lugar se estudia la efectividad como función del espaciado entre aletas (s) y la longitud de la
aleta (l); así como en función de la altura (h) y la anchura (t) de la aleta. Las dimensiones aparecen en
los ejes representadas en metros, y las isolíneas representan la efectividad en tanto por uno.
(a) Efectividad función de espaciado (s) y longitud de la aleta (l) (b) Efectividad función de la altura (h) y anchura (t) de la aleta
Figure 6: Variación de e con las dimensiones de la aleta
La reducción del espaciado entre aletas (s) incrementa el número de aletas presentes sobre la placa, lo
que a su vez incrementa la superficie de transferencia de calor, y finalmente la efectividad.
La influencia de la longitud de la aleta l es doble. Por un lado, la reducción de la longitud de la aleta
disminuye el volumen de la aleta individual; pero por otro incremental el número de aletas presentes
sobre la placa. Ambos términos se compensan parcialmente, y la superficie de transferencia de calor
varía en menor grado que con s. No obstante, se puede observar un ligero aumento de la efectividad al
reducir l.
La influencia de la altura h y la anchura t de la aleta es muy similar; el aumento de cualquiera de
las dos dimensiones conduce a una mayor superficie de transferencia de calor en cada aleta individual,
y por tanto a una mayor efectividad.
A continuación se analizan los resultados del comportamiento hidráulico. Las caídas de presión de-
penden principalmente del área libre en el canal, que coincide con el área de un canal sin aletas menos
la superficie de resistencia frente al flujo que presentan las aletas. En las siguientes figuras, las isolíneas
rojas representan la caída de presión en el flujo caliente y las azules en el flujo frío. Las dimensiones en
los ejes de nuevo están expresadas en metros, y las presiones en Pascales.
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(a) ∆P función de espaciado (s) y longitud de la aleta (l) (b) ∆P función de la altura (h) y anchura (t) de la aleta
Figure 7: Variación de ∆P con las dimensiones de la aleta
El aumento del espaciado entre aletas (s) conduce a una mayor área libre de canal, ya que implica un
menor número de aletas por placa. Ésto reduce la resistencia frente al paso del flujo y por tanto la caída
de presión.
La influencia de la longitud de la aleta l se basa en la disposición escalonada de las aletas en una es-
tructura offset, apreciable en la Figura 4. El aumento de l reduce el número de filas de aletas. Cada fila
supone la interrupción del flujo. Por tanto, un menor número de filas reduce la caída de presión.
El aumento de la anchura t implica un mayor obstáculo para el paso del flujo (reduce el área libre),
y por tanto incrementa la caída de presión.
Por último, el impacto de la altura h sobre el comportamiento hidráulico del intercambiador es prác-
ticamente despreciable. Ello se debe a una limitación del modelo: en la estructura offset, la altura de la
aleta h debe coincidir con la altura del canal D (Figura 4), y en este caso se está considerando una altura
de canal D fija y modificando únicamente h.
El análisis térmico e hidráulico puede resumirse con las siguientes figuras. En ellas se representa la
efectividad y la caída de presión (en el flujo caliente arriba, en el frío abajo) para distintos valores de
espaciado s, longitud l y anchura t.
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(a) e y ∆P función de espaciado (s) (b) e y ∆P función de longitud (l)
(c) e y ∆P función de anchura (t)
Figure 8: Variación de ∆P con las dimensiones de la aleta
Resumiendo los resultados obtenidos, la reducción de espaciado conduce a valores mayores de efectivi-
dad (mejor comportamiento termal) y caída de presión (peor comportamiento hidráulico). La reducción
de la longitud de la aleta permite extraer las mismas conclusiones. En el caso de la anchura t, el ra-
zonamiento es inverso: en lugar de la reducción de t, es el aumento de t el que conduce a mejores
comportamientos termales y peores comportamientos hidráulicos.
Todos los análisis anteriores fueron realizados para los cuatro caudales másicos no nominales mostrados
en las tablas 4 y 5, y los resultados obtenidos fueron similares.
Finalmente, pese a no ser una característica del desempeño del intercambiador, el volumen de metal
necesario para fabricar el aparato es analizado en función de las dimensiones de las aletas. En este caso
se usa la aproximación a aletas rectangulares mostrada en la Figura 3. De nuevo las dimensiones en los
ejes están expresadas en metros, y las isolíneas indican los volúmenes en m3.
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(a) Variación del volumen con s y l (b) Variación del volumen con t y h
Figure 9: Variación del volumen con las dimensiones de la aleta
Se puede apreciar que el incremento de h y t lleva a volúmenes mayores, dado que incrementa el vol-
umen de la aleta individual. Por otro lado, el aumento de s reduce el volumen al reducir el número de
aletas por placa. Por último, el volumen de material necesario es independiente de la longitud de la
aleta l: aletas más largas llevan a un menor número de aletas por placa, y viceversa, lo cual compensa el
efecto de este parámetro.
4. Optimización de las dimensiones de la aleta
Las secciones anteriores sirven como estudio del diseño actual del intercambiador de calor. En esta
última sección, el objetivo es optimizar la geometría de la superficia aleteada para minimizar los requer-
imientos de material para fabricar el aparato; y al mismo tiempo garantizar un desempeño mínimo,
tanto termal como hidráulico. Este desempeño se define mediante restricciones impuestas en forma de
efectividad mínima y caídas de presión máximas. A petición de ByCast, las únicas dimensiones a opti-
mizar son el espaciado s y la longitud l.
La definición del problema puede expresarse como
min
s,l
Volume(s, l) tal que

∆Ph ≤ ∆Ph,max
∆Pc ≤ ∆Pc,max
e ≥ emin
considerando
{
smin ≤ s ≤ smax
lmin ≤ l ≤ lmax
y m˙ fijo.
En primer lugar se analizarán las restricciones geométricas del problema, definidas como:
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Parámetro Restricción
smin 0
smax Ca
lmin 0
lmax Ca
Table 6: Restricciones geométricas del problema
El valor mínimo de ambas dimensiones se fija en cero para evitar obtener resultados negativos. En
cuanto al valor máximo, viene impuesto por la geometría del canal, indicada en la siguiente figura:
Figure 10: Maximum values for fin spacing and length (smax, lmax)
Como se puede observar, las aletas están orientadas en la dirección del flujo, y al ser esa dirección dis-
tinta (perpendicular) para ambos flujos, también lo es la orientación de las aletas en los canales fríos
y calientes. No obstante, se asume que las dimensiones de las aletas son las mismas en ambos tipos
de canales. El valor máximo para s y l será por tanto el mismo, y el más restrictivo posible, esto es,
Ca = 0.443m.
Las restricciones relativas al desempeño termal e hidráulico se consideran dentro de unos intervalos
de valores que permiten analizar las dimensiones optimizadas para distintas limitaciones. En el caso
del comportamiento termal, la restricción es una efectividad mínima: cuanto mayor sea este valor, más
restrictiva será la limitación, y mejor la efectividad del intercambiador.
En cuanto al comportamiento hidráulico, la restricción toma forma de caída de presión máxima. Por
petición de ByCast y para facilitar la representación de los resultados, la distinción entre las máximas
presiones de los lados caliente y frío es despreciada; en su lugar una máxima presión común sera em-
pleada, denominada ∆Pconst. Esta máxima presión común se referencia con respecto a la caída de presión
media entre los lados caliente y frío del diseño original, definida como
∆Pre f =
∆Ph+∆Pc
2 = 1135Pa
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siendo ∆Ph y ∆Pc los valores computados en el modelo y reflejados en la tabla 3 (Manglik and Bergles).
Será el ratio ∆Pconst/∆Pre f el que se utilice como entrada para el problema de optimización, definido en
el intervalo [0.5, 5]. Cuando ∆Pconst/∆Pre f = 0.5, la máxima caída de presión permitida será la mitad
del valor correspondiente al diseño original, por tanto la restricción es más estricta. En cambio, para
∆Pconst/∆Pre f = 5, la máxima caída de presión permitida es cinco veces la correspondiente al diseño
original; por tanto es menos restrictivo.
La siguiente figura representa el espaciado y la longitud optimizados en función de restricciones que
varían en un intervalo. Las isolíneas están expresadas en metros.
(a) Espaciado óptimo (b) Lngitud óptima
Figure 11: Espaciado y longitud óptimas para caudal nominal y distintas restricciones termales e
hidráulicas
El desplazamiento hacia arriba en el eje vertical impone mejores comportamientos termales, el desplaza-
miento hacia el origen impone mejores comportamientos hidráulicos. De acuerdo con las gráficas, para
garantizar mayores efectividades y menores caídas de presión, el espaciado entre aletas debe reducirse
y la longitud de la aleta debe incrementarse. De acuerdo con el análisis descrito en la anterior sección,
esto implica que la longitud es dominante en el comportamiento hidráulico del intercambiador; y el
espaciado es dominante en el comportamiento termal.
El comportamiento de las isolíneas se identifica con una frontera de Pareto, caracterizada porque es
imposible seleccionar un criterio preferente para mejorar los desempeños termal e hidráulico simul-
taneamente. La optimización está limitada por los valores geométricos límite.
En cuanto a las consideraciones relativas al volumen óptimo, la siguiente figura representa las isolíneas
volumétricas en m3 como función de las restricciones termales e hidráulicas.
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Figure 12: Volúmenes óptimos para para caudal nominal y distintas restricciones termales e hidráulicas
El espaciado tiene el mayor impacto sobre el volumen minimizado. Se puede observar que para compor-
tamientos termales e hidráulicos más restrictivos, el volumen mínimo necesario de metal se incrementa.
Esto da lugar a una compensación que debe ser estudiada por ByCast: mejores características del pro-
ducto implican mayor cantidad de volumen de metal, y por tanto un mayor coste.
Las mismas conclusiones pueden obtenerse para las optimizaciones de los cuatro caudales no nomi-
nales, las figuras obtenidas están recogidas en el informe original.
Para acabar, algunos comentarios sobre el papel de la anchura y la altura durante la optimización se
discuten a continuación. Estas dimensiones se consideran constantes durante el proceso descrito ante-
riormente, debido a limitaciones relacionadas con el método de fundición empleado por ByCast para
fabricar intercambiadores. Las tolerancias de este proceso impiden modificar la anchura y altura de las
aletas.
No obstante, en el informe original se discute brevemente la posible optimización de estos dos parámet-
ros. Para mejorar el comportamiento termal e hidráulico del intercambiador, un ligero aumento de la
altura h y una reducción significativa de la anchura t son necesarias. No obstante, en lo referente a la
altura, dada la dependencia de esta dimensión con la altura del canal D, no está confirmado que el re-
sultado de la optimización tenga un significado físico factible.
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1. Introduction
This report investigates the design and the performance (i.e., the effectiveness and the pressure drops)
of the APH VIII-31-2658-HTB-P2(8/2) heat exchanger developed by the company ByCast. The final goal
is to propose an optimal fin geometry for the device which improves its energy efficiency and material
needs.
In the first part of this report, section 2, the geometry of the studied heat exchanger is clarified. The
geometry of the real heat exchanger is simplified in this report in order to facilitate its study.
Subsequently, in section 3, the thermal effectiveness and hydraulic performance of the current heat
exchanger design are investigated by means of a numerical model. An overview of the model equations
used to compute the effectiveness and the pressure drops is presented, including the correlations from
the literature. The numerically predicted performance is compared with experimental results in section
4.
Following this analysis, in section 5, the numerical model is employed to study the effect of the fin
dimensions on the thermal effectiveness and hydraulic performance (pressure drops) of the heat ex-
changer.
Lastly, in section 6, the optimal fin dimensions are determined by a numerical optimization procedure,
in order to minimize the material volume of the heat exchanger for a prescribed thermal effectiveness
and prescribed pressure drops, as well as a given mass flow rate.
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2. Geometry of Heat Exchanger
The purpose of the considered heat exchanger in this study is to transfer heat from a hot flow of flue
gases to a colder flow of air. Due to this heat transfer, the hot flow will leave the heat exchanger at a
lower temperature than at the inlet. Simultaneously, the cold flow will have a higher temperature at the
outlet than at the inlet.
The geometry of the APH VIII-31-2658-HTB-P2(8/2) heat exchanger is schematically depicted in Fig-
ure 1. The heat exchanger consists of a stack of 31 columns of channels. Each channel is formed by a
pair of two neighboring core plates, through which either hot flue gases or cold air flow. Of these 31
columns, 16 are crossed by the hot flow, and the resting 15 columns by the cold flow. Hence, both flows
remain unmixed while flowing through a channel.
The heat exchanger has a cross-flow arrangement, which means that the overall stream direction of
the hot flow is perpendicular to that of the cold flow. The overall flow direction of the cold air flow
reverses after the first pass of the heat exchanger (see Figure 1).
Figure 1: Schematic overview of the geometry of the APH VIII-31-2658-HTB-P2(8/2) heat exchanger
In Figure 1, the flow directions of the hot flow and cold flow are represented by red and green arrows
respectively. Th,in and Th,out denote the place where the inlet and outlet temperature of the hot flow are
evaluated. Likewise, Tc,in and Tc,out denote the inlet and outlet temperature of the cold flow.
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A close-up view of a single tube and its geometry is given in Figure 2. The tube includes two chan-
nels, one crossed by the hot flow and the other by the cold flow.
Figure 2: A close-up of a single tube consisting of two plate channels
The geometrical parameters of the heat exchanger and its tubes are the flow length of the cold flow (Lc);
the flow length of the hot flow along one single tube (Ca) and along the whole heat exchanger (Lh);
as well as the heights of the plate channels for the hot and cold flow (Dh and Dc respectively). Their
dimensions are given below.
Dh = Dc = 72mm,
Ca = 443mm,
Lc = 2658mm,
Lh = 8Ca = 3544mm.
Within the two channels of each tube, fins are present to enhance the convective heat transfer between
the hot and the cold flow. The geometry of the fins is approximated as a beam-shaped fin surface and
is described by four parameters: the fin spacing (s), the fin height (h), the fin thickness (t) and the fin
length (l). The original design values of the fin dimensions are:
h = 33mm t = 4mm s = 12mm l = 45mm.
To calculate the volume of metal employed to manufacture the heat exchanger, the fins are represented
as parallelepiped volumes placed over the core plates with sides Lh and Lc, and a thickness Wp as in
Figure 3. In the figure, only two fins are represented, while the real surface would be fully covered by
beam-shaped fins:
9
Figure 3: Core plate with two beam-shaped fins
The expressions used to calculate the total volume are:
Vtotal = Vcore +Vf in(total) (1)
Vcore = 32V1plate = 32LhLcWp (2)
Vf in(total) = 31Vf in(1plate) (3)
Vf in(1plate) = 2V1 f in( f/p) = 2(htl)round
[
LhLc
l(s+ t)
]
(4)
where the symbols have the following meaning:
Vtotal , the total volume of material employed in the heat exchanger, including core plates and fins,
Vcore, the total volume of the core plates, without considering the fins,
V1plate, the volume of a single core plate, without considering the fins,
Vf in(total), the total volume of the fins,
Vf in(1plate), the volume of the fins mounted over one single core plate,
V1 f in, the volume of a single beam-shaped fin,
( f/p)=number of fins in one single core plate.
The following assumptions were made: (i) the heat exchanger consists of 31 channels, so that 32 metal
plates are needed, (ii) each side of one plate has a finned surface, (iii) the term round was used to round
off to the nearest integrer.
The volume of metal for the current design parameters is Vtotal = 6.32m3.
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3. Model Equations
Thermal Model
The effectiveness (e) is the parameter to assess the thermal performance of the heat exchanger. It is
defined as the ratio of the actual heat transfer (q) to the maximum heat transfer according to thermody-
namic rules (qmax) [1]:
e =
q
qmax
with q = Cc(Tc,out − Tc,in) and qmax = Cmin(Th,in − Tc,in) (5)
being Cmin = min(Cc,Ch) = min((m˙c)c, (m˙c)h).
To obtain the effectiveness, the inlet and outlet temperatures of both the cold and the hot flow are
needed. The inlet temperatures are given, the outlet temperatures are the solution of the following
system on partial differential equations (PDE):
(m˙c)h
LhLc
∂Th
∂x
+ 2hh(Th − Tw) = 0 (6a)
(m˙c)c
LhLc
∂Tc
∂y
+ 2hc(Tc − Tw) = 0 (6b)
hh(Tw − Th) + hc(Tw − Tc) = 0 (6c)
where the c and h subscripts stand for the cold and hot flow respectively, and w stands for the wall or
plate. The x coordinate represents the direction of the hot flow and goes from 0 to Lh; the y stands for
the direction of the cold flow, going from 0 to Lc.
m˙ stands for the mass flow rate of each flow per column and c for the specific heat capacity. h refers to
the convective heat transfer coefficient which is obtained from the correlations which will be explained
below.
The boundary conditions for the problem are:
Th(x = 0) = Th,in; Tc(y = 0) = Tc,in
and zero heat flux across the plate boundaries.
To solve this system, the equations were discretized and solved, leading to the outlet temperatures of the
hot and cold flow as in [2]. The effectiveness follows from these temperatures, and using the definition
of dimensionless temperature, T¯ = (T−Tc,in)
(Th,in−Tc,in) , it is calculated as
e =
Cc
Cmin
1
Lh
∫ Lh
0
T¯cdy (7)
To model and solve the described system, the heat transfer coefficient h between the flow and the finned
edge of the channel must be specified. This coefficient is determined by correlations for the Colburn
factor j, which govern the Nusselt number, which in turn leads to the convective coefficients h.
These correlations, which depend on the nature of the flow and fin geometries of the heat exchanger,
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can be found in the literature. The literature gives some correlations for situations which are close to the
studied heat exchanger. In this case, the correlations for the offset strip fin structure were used for the
calculations. This structure is represented schematically in Figure 4.
Figure 4: Schematic view of an offset strip finned surface. Source: Manglik and Bergles (1995)
The offset strip finned surface is widely used in heat exchangers. This structure induces a periodic in-
teruption of the flow, creating fresh boundary layers which lead to a heat transfer improvement. This
interruption of the flow also produces greater pressure drops due to a higher friction factor (this aspect
will be developed in the hydraulic model) [3]. These characteristics will impact on the results of the
model.
The following correlations will be expressed in terms of three dimensionless geometric parameters, de-
rived from the basic dimensions of the fins. These parameters are shown in Figure 4 and defined below:
α = s/h, ratio of the space between fins to the fin height,
δ = t/l, ratio of the fin thickness to the fin length,
γ = t/s, ratio of the fin thickness to the fin spacing.
The convective coefficient h depends on the Nusselt dimensionless number according to the following
relation:
hh = Nuh
kh
Dh
A¯ (8a)
hc = Nuc
kc
Dc
A¯ (8b)
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The heat transfer coefficient h is based on the plate surface, while the Nusselt number from the literature
is based on the entire fin surface, instead of the plate surface. This means that an adjustment is needed,
applied by multiplying with the factor A¯. The factor A¯ is equal to the ratio of the fin surface to the plate
surface, and is defined as follows:
A¯ =
2(s+ D)L
2(s+ t)L
=
α+ 1
α(1+ γ)
(9)
The Nusselt number Nu is calculated as
Nu = jRePr1/3 (10)
with Pr the dimensionless Prandtl number, defined as
Pr =
µc
k
, (11)
j the Colburn factor obtained from the correlations defined later in the text,
and Re the Reynolds dimensionless number referred to the hydraulic diameter,
Re =
ρUDhydr
µ
(12)
The Reynolds number is the critical parameter which indicates the flow regime, turbulent or laminar.
Based on similar heat exchanger and fluid characteristics, the assumption of turbulent flow will be ini-
tially made, and proved after the calculations are performed.
In the definition of the Reynolds number Re, the velocity of the fluid U plays an important role. This
term can be obtained from the following expressions for both the hot and cold flow:
Uh =
m˙h
ρhDhLcσ
(13a)
Uc =
m˙c
ρcDc(Lh/2)σ
(13b)
with m˙ the mass flow rate defined per column.
To calculate this velocity, the flow area of the fins is considered by introducing the factor σ, which stands
for the ratio of the flow area of a plate channel without fins to the flow area of a plate channel with fins,
and is expressed as:
σ =
(s− t)h
(h+ t)(s+ t)
(14)
The factor σ arises here because the velocity in the Reynolds number is derived from the mass flow
rate through the free flow area of the fin array, instead of the free flow area of the channel without the
fins, which is defined as A f ree,h = DhLc for the hot flow and A f ree,c = Dc(Lh/2) for the cold flow. The
free flow area for the cold flow corresponds to just one of the two passes, that is why the cross-section
includes only half of the heat exchanger height (Lh/2).
To obtain the Colburn factor j, the next correlations were developed for the offset strip fin geometry.
These correlations are either based on experiments, either numeric or (semi-) analytical solutions [4][5]:
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• Joshi and Webb correlations (1987)
For a laminar flow, characterized by a Reynolds number under a critical value (Rehydr ≤ Rehydr∗), the
expression for the Colburn factor is:
j = 0.53
(
l
Dhydr
)−0.15
α−0.14Rehydr−0.5 (15)
For a turbulent flow, with Reynolds number over a critical value (Rehydr ≥ Rehydr ∗+1000) the expres-
sion is:
j = 0.21
(
l
Dhydr
)−0.24(
t
Dhydr
)0.02
Rehydr−0.4 (16)
The hydraulic diameter in (15) and (16) is defined as
Dhydr =
2(s− t)hl
sl + hl + th
(17)
and the critical Reynolds number is
Rehydr∗ = 257
(
l
s
)1.23 ( t
l
)0.58 Dhydr
t+ 1.328l
Rel0.5
 (18)
with Rel the Reynolds number referred to the fin length and considering the same velocity U as in Rehydr.
• Manglik and Bergles correlations (1990,1995)
For a laminar flow, with Rehydr ≤ Rehydr∗:
j = 0.652α−0.154δ0.15γ−0.068Rehydr−0.54 (19)
and for a turbulent flow, where Rehydr ≥ Rehydr ∗+1000:
j = 0.244α−0.104δ0.196γ−0.173Rehydr−0.406 (20)
The hydraulic diameter in (19) and (20) is defined as
Dhydr =
4shl
2(sl + hl + th) + ts
(21)
and the critical Reynolds number is the same as in the Joshi and Webb correlation (18).
The Manglik and Bergles formula provides a better geometric correlation than the one obtained by Joshi
and Webb, according to [5].
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Hydraulic Model
The hydraulic model governs the pressure drop across the heat exchanger for the hot and cold flow.
This magnitude is crucial when assessing the performance of a heat exchanger, as it concerns the power
needed to drive the gases through the device.
The pressure drops are calculated from the following formulas:
∆Ph = fh
1
2
ρhUh2
Lh
Dhydr
(22a)
∆Pc = fc
1
2
ρcUc2
Lc
Dhydr
(22b)
with U the velocity of the fluid, calculated as in the thermal model (13a, 13b); and f the Fanning friction
factor.
The Fanning friction factor is found from empirical correlations in the literature for offset strip finned
surfaces, which are presented below:
• Joshi and Webb correlations (1987)
For a laminar flow, i.e when Rehydr ≤ Rehydr∗,
f = 8.12
(
l
Dhydr
)−0.41
α−0.02Rehydr−0.74 (23)
For a turbulent flow, characterized by Rehydr ≥ Rehydr ∗+1000,
f = 1.12
(
l
Dhydr
)−0.65(
t
Dhydr
)0.17
Rehydr−0.36 (24)
The hydraulic diameter and the critical Reynolds number are equal to the ones defined in the thermal
model: (17) for Dhydr and (18) for Rehydr∗.
• Manglik and Bergles correlations (1990,1995)
For a laminar flow, Rehydr ≤ Rehydr∗,
f = 9.624α−0.186δ0.305γ−0.266Rehydr−0.742 (25)
For a turbulent flow, Rehydr ≥ Rehydr ∗+1000,
f = 1.87α−0.094δ0.682γ−0.242Rehydr−0.299 (26)
The hydraulic diameter and the critical Reynolds were defined in the thermal model ((21) and (18) re-
spectively).
The preceding correlations have several constraints. Since they are based on regression models from
experimental data, they are defined in the typical range of Reynolds numbers for the experiments,
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200 < Re < 10000. Outside this range, considerable uncertainties may be expected for both j and f
factors. Also, all the correlations assume that the geometry of the channels is rectangular, when in prac-
tise this is not necessarily true. It should also be considered that these correlations are valid for the
offset strip fin array structure, while the actual geometry of the studied heat exchanger does not exactly
incorporate this structure.
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4. Comparison between Model and Experiment
The test experiment was performed considering the fluid properties shown in the table below. These
values were subsequently introduced in the model to calculate the effectiveness and pressure drops.
Fluid properties Hot flow Cold flow
Density, ρ 1.293 kgm3 1.204
kg
m3
Specific heat capacity, c 1102 JkgK 1026
J
kgK
Thermal conductivity, k 0.024 WmK 0.024
W
mK
Dynamic viscosity, µ 1.8121 · 10−5 kgms 1.8121 · 10−5 kgms
Table 1: Fluid properties
The thermal conductivity k and viscosity µ of the exhaust gases are assumed to be those of air, since the
composition of the exhaust gases is not fully known. All this data is assumed to be constant.
The experimentally measured mass flow rates and inlet temperatures are
m˙h,total = 115000
kg
h = 31.94
kg
s
m˙c,total = 100000
kg
h = 27.8
kg
s
Th,in = 350◦C
Tc,in = 66.5◦C
As a remark, the mass flow rates presented are the total flow rates crossing the heat exchanger. For
the computations, the mass flow rates through each column are considered. Hence, because the heat
exchanger consists of 31 columns, the mass flow rates per channel column equal
m˙h =
m˙h,total
16
m˙c =
m˙c,total
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First, the experimental data measured from the test is presented in the following table:
Measured data Hot flow Cold flow
Velocity of fluid, U 6.53ms 8.36
m
s
Pressure drop, ∆P 607.5Pa 894.1Pa
Outlet temperature, Tout 179◦C 274.4◦C
Effectiveness, e 0.73
Table 2: Experimental data
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Now, for the designed geometry, the results provided by the model are shown, both for the Joshi and
Webb correlations and Manglik and Bergles correlations:
Joshi and Webb Manglik and Bergles
Hot flow Cold flow Hot flow Cold flow
Velocity of the fluid, U 18.1ms 27.03
m
s 18.1
m
s 27.03
m
s
Pressure drop, ∆P 292Pa 804Pa 596Pa 1683Pa
Outlet temperature, Tout 191.2◦C 225.3◦C 177.3◦C 239.4◦C
Effectiveness, e 0.56 0.609
Table 3: Computed data
As it can be seen, there are several differences between the experimental data and the data governed
from both the thermal and the hydraulic model.
First of all, the assumptions related to the fluid properties will introduce deviations from the real sce-
nario. The variation of the fluid temperatures along the heat exchanger would imply non-constant fluid
properties.
The fluid speed is calculated inside the channel, considering an adjustment due to the presence of the
finned surface (σ factor), according to equations (13a, 13b). This reduction of the free flow area leads
to higher values of velocity compared to the real case. It is unknown if the velocity is experimentally
measured inside the heat exchanger channels or before entering them. If the velocity of the flow was
measured before the heat exchanger inlet, and hence without considering the channel and fins geome-
tries, this could explain the lower values in the experimental velocities, as the considered free flow area
would be greater.
The assumptions made in the hydraulic model affect the calculation of the pressure drops; it can be seen
that in the real case the pressure drops are higher. It seems that in the real case, the fins exert a higher
resistance to the flow than predicted by most of the correlations, leading to higher pressure drops. Nev-
ertheless, the model predicts a higher pressure drop for the cold flow, because the mass flow rate of
the cold flow is divided over two passes. Moreover, the offset strip fin structure employed usually leads
to higher pressure drops due to the interruption of the flow, but the friction factor seems underpredicted.
Finally, the assumptions related to the heat transfer across the finned surface introduce an error on the
outlet temperatures and effectivenesses. The Nusselt numbers provided by both correlations are lower
in comparison to the experimental data. According to the studies developed by Manglik and Bergles,
Reynolds numbers over the limit value of 10000 would lead to an underprediction of the j and f factors,
which would explain the effectiveness values obtained [5]. In fact, the Reynolds numbers obtained in
the model for both correlations are out of the defined range of 200 < Re < 10000, with values around
25000, which could lead to the deviations from the experimental data.
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The influence of the convective coefficients on the effectiveness can be shown when plotting the ef-
fectiveness against the Number of Transfer Units (NTU). This parameter is defined as
NTU =
UA
Cmin
with U = 2
(
1
hh
+
1
hc
)−1
and A = LhLc (27)
In this case, U stands for the overall heat transfer coefficient (the factor 2 is due to the heat exchange
across the two plates that surround the fluid in one channel), and A is the heat transfer area (without
considering the finned surface).
The literature demonstrates that the effectiveness e can be expressed as a function of the Number of
Transfer Units NTU and the ratio CminCmax [1] and this relationship is shown in the figure below:
Figure 5: Effectiveness as a function of NTU for different CminCmax
The indicated dot represents the performance of the heat exchanger based on the Manglik and Bergles
correlations. The values related to the heat transfer for the current performance of the heat exchanger
are:
hh = 311.3 Wm2K
hc = 370.6 Wm2K
NTU = 1.677
Cmin
Cmax = 0.81
19
When the convective coefficients are increased, NTU also increases, and in turn, following the trend of
Figure 5, the thermal effectiveness also increases. On the contrary, the mentioned underprediction of
the Colburn factor j leads to lower h coefficients, and subsequently to lower NTU values, which result
in lower effectivenesses values. This could explain the differences between the data obtained from the
computations and the experimental results.
The variation of the measured inlet and outlet temperatures has an impact on the effectiveness of the
heat exchanger too. The graphs below show the sensitivity of the effectiveness related to a measured
temperature error ∆T:
Figure 6: Effectiveness sensitivity with temperature
In these figures, the absolute error on the effectiveness (∆e) is represented in percentages (%). As it can
be seen, the higher the measured inlet temperatures are for both the hot and cold flow, the lower the ef-
fectiveness is, due to the higher difference of temperature between both flows. On the contrary, a higher
outlet temperature of the cold flow leads to a higher effectiveness. The accuracy of the measurement
instruments can introduce an error on the measured temperature that has an impact on the computed
effectiveness. The lack of information about the measurement procedure hampers the asessment of this
effect.
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5. Performance of Heat Exchanger
The main objective of this report is to optimize the fin geometry of the designed heat exchanger, in order
to obtain the highest possible effectiveness while minimizing the volume of material employed and the
pressure drops. Before the optimization is performed, a study about the variability of effectiveness and
pressure drops with the fin geometric parameters will be presented in this section. For both the thermal
and the hydraulic performance, first the dependence on fin spacing and length (s and l) is investigated,
followed by the dependence on fin thickness and height (t and h).
The following figures are obtained from the Manglik and Bergles correlations for the pressure drops
and effectiveness, because as shown before, they provide values closer to the experimental ones. For
each sensitivity analysis, five figures are represented, each for a different mass flow rate. The nominal
flow rates for the hot and cold flow (m˙h, m˙c), defined in section 4, are encompassed under the term m˙.
Four non-nominal scenarios will be assessed, defined as m˙× 5, m˙× 10, m˙/5 and m˙/10. In each of these
cases, both the hot (m˙h) and the cold flow rates (m˙c) are multiplied or divided with 5 and 10. In each of
the figures, the mass flow rates are considered to be fixed.
Effectiveness
In the following figures, the fin dimensions are expressed in meters (m) and the effectiveness is dimen-
sionless.
• Variation of effectiveness with the fin spacing (s) and the fin lenght (l)
The modification of the fin spacing while maintaining the rest of dimensions fixed affects the number of
fins which fit in a core plate of the heat exchanger (term f/p defined in section 2), and hence the overall
heat transfer surface. The length of the fin has a lower impact on the overall heat transfer surface, and
hence on the effectiveness, due to the trade-off between the surface of one fin and the number of fins.
This will be explained later. The following figures show these trends:
(a) m˙ (b) m˙× 5
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(c) m˙× 10 (d) m˙/5
(e) m˙/10
Figure 7: Variation of e with s and l
The following conclusions can be extracted from these graphs.
First, the trends reflect that to increase the effectiveness of the heat exchanger, a reduction on the fin
spacing would be necessary. This can be explained considering that a lower space between the fins
leads to a more densely finned core plate (higher f/p term, according to equation 4), and thus to a
larger overall heat transfer surface.
The reduction of the fin length also results in higher effectiveness values, but the dependence is less
significant, as mentioned at the beginning of this section. The main reason is that, while the fin spacing
s only has an impact on the number of fins per plate (term f/p), the fin length affects two terms: the
number of fins per plate ( f/p) and the volume of one fin (V1 f in). This implies a compensation between
both terms, according to equation 4, that results in a slight impact on the overall heat transfer surface.
An increase of l will boost the volume of one single fin (V1 f in), and hence the surface of the single fin; but
at the same time will reduce the density of fins over the core plate ( f/p). On the contrary, the reduction
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of l will reduce the single fin surface while incrementing the number of fins per plate ( f/p). All in all, the
overall fin surface will not experience a significant variation. The impact of the fin length reduction on
the correlations and the j factor is reflected in the slight increase of the effectiveness shown in the figures.
It should be noticed that according to the thermal model for the effectiveness, the maximum value
of e is determined by minimum values of fin spacing and length. The maximum effectiveness which
could be achieved according to this model for the nominal mass flow rate m˙ is below 100% due to the
assumptions included in the previously discussed correlations. This maximum value is obtained for a
fin spacing and a fin length close to zero.
The impact of the mass flow rates indicates that the heat exchanger performs thermally better at lower
flow rates. The rate of change of the effectiveness with the mass flow rate is more significant for mass
flow rates close to the nominal one, and decays as the mass flow rates deviates further from the nom-
inal value. The effectiveness values obtained for the mentioned fixed mass flows in the designed heat
exchanger are presented in Table 4:
Effectiveness m˙× 5 m˙× 10 m˙/5 m˙/10
e 0.46 0.4 0.72 0.77
Table 4: Effectivenesses for different fixed mass flow rates in the designed fin geometry
• Variation of effectiveness with the fin thickness (t) and the fin height (h)
The variation of the effectiveness when modifying the fin thickness and height is assessed in Figure 8.
However, these parameters are restricted by the tolerance of the manufacturing process (fin thickness)
and the dimensions of the channel (fin height), and hence will not be modified. Figure 8 presents the
trends of the mentioned variation for different fixed mass flow rates.
(a) m˙ (b) m˙× 5
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(c) m˙× 10 (d) m˙/5
(e) m˙/10
Figure 8: Variation of e with t and h
From the figures, it can be observed that the effectiveness improves with higher values of fin thickness,
as this would increase the overall heat transfer surface. Increasing the fin height while maintaining the
rest of dimensions constant also leads to a better performance of the heat exchanger, although this geo-
metric parameter is bounded to the height of the plate channel (D).
The same trend concerning the influence of the mass flow rates can be identified: the effectiveness
increases when the mass flow rates decrease, although the rate of change decreases when the mass flow
rate deviates more from the nominal flow rate.
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Pressure drops
In the following figures, the red line stands for the pressure drop in the hot flow; and the blue line
stands for the pressure drop in the cold flow. The pressure drops are expressed in Pascals (Pa), and the
fin dimensions in meters (m).
• Variation of pressure drops with the fin spacing (s) and the fin lenght (l)
The fin spacing influences the free flow area of a fin channel, definded as A f ree, f in = hs [4], and hence
the σ factor. Consequently, the fin spacing also affects the flow velocity and Fanning friction factor,
and hence the pressure drop across the channels of the heat exchanger. The fin length determines the
periodicity at which the flow is interrupted, and hence affects the hydraulic performance. This influence
is presented in Figure 9 and explained below.
(a) m˙ (b) m˙× 5
(c) m˙× 10 (d) m˙/5
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(e) m˙/10
Figure 9: Variation of ∆P with s and l
The same trends can be observed for the different studied mass flow rates.
The impact of the fin length is related to the staggered layout of the fins over the plate, shown in Figure
10 [6]. Shorter fins allow more densely finned plates, containing a higher number of rows of fins in the
plate. Each row causes the interruption of the flow, so that a lower fin length reduces the periodicity at
which the flow is interrupted, and leads to a higher pressure drop.
Figure 10: Alternated layout of fins over a core late
A wider space between the fins leads to a larger free flow area, which diminishes the resistance against
the flow of the gases. This results in lower pressure drops. This effect is almost negligible for a short fin
length, as a higher number of fins then fit on a plate, so that the flow resistance increases.
The following pressure drops in the cold and hot sides were obtained for the four non-nominal fixed
flow rates:
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Pressure drop m˙× 5 m˙× 10 m˙/5 m˙/10
∆Ph 9192Pa 29867Pa 38Pa 11.9Pa
∆Pc 25961Pa 84347Pa 109Pa 33.6Pa
Table 5: Pressure drops for different fixed mass flow rates in the designed fin geometry
Higher mass flow rates come together with higher velocities (equations 13a, 13b); and hence higher the
pressure drops according to equations 22a and 22b. The Fanning friction factor also depends on the flow
velocity, but its dependence on the velocity is insignificant over this velocity range. For this reason the
pressure drop varies approximately quadratically with the mass flow rates.
• Variation of pressure drops with the fin thickness (t) and the fin height (h)
The modification of the fin thickness while keeping the rest of dimensions fixed changes indirectly the
free flow area crossed by the hot and the cold flows, hence affecting the hydraulic performance. The
fin height, on the other hand, does not have such significant impact on the free flow area if the height
of the channel D is kept constant. As mentioned before, the fin height is limited due to the channel
dimensions, as it depends on the value of D. Figure 11 shows the impact of these parameters on the
hydraulic performance.
(a) m˙ (b) m˙× 5
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(c) m˙× 10 (d) m˙/5
(e) m˙/10
Figure 11: Variation of ∆P with t and h
When the fin thickness increases, the free flow area decreases and the flow speed increases, if the rest
of the fin dimensions remain the same. A higher velocity leads to higher pressure drops according to
equations 22a, 22b. Therefore, the pressure drop increases when the fin thickness increases.
The dependence of the pressure drops on the fin height is almost negligible. Although the fin height
affects the free flow area A f ree, f in, this effect is negligible when considering a fixed channel height. From
the definition of σ it can be seen that h has a low impact on this parameter.
The influence of the mass flow rates on the pressure drops was already explained in the last subsec-
tion.
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Conclusions
The trends represented in the graphs above can be summarized in the following figure, which give the
relation between the effectiveness (e, dimensionless) and pressure drop (∆Ph or ∆Ph, in Pascals) for dif-
ferent fins spacing (s, in meters), while all other dimensions are kept the same as in the design model.
Figure 12: Relation between e and ∆P for different s
Figure 12 shows that there exists a trade-off between effectiveness (thermal performance) and pressure
drop (hydraulic performance): a lower fin spacing leads to higher effectivenesses, but causes higher
pressure drops. The optimization process will have to consider both effects, plus the minimization of
the volume of metal in the heat exchanger.
At the same time, from the analysis of the different flow rates it can be seen that higher pressure drops
allow for higher mass flow rates. On the other hand, higher flow rates worsen the effectiveness of the
heat exchanger. Nevertheless, the mass flow rate depends on the system in which the heat exchanger
is integrated, so that it cannot always be chosen by the designer in order to improve the thermal or hy-
draulic performance.
From Figure 12, it is seen that the maximum effectiveness predicted by the model is reached when
the fin spacing approaches zero. A similar trend is visible in Figure 13, where the relation between the
effectiveness and pressure drop is plotted for different fin lengths.
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Figure 13: Relation between e and ∆P for different l
Longer fins result in less interruption of the flow due to a lower number of rows with alternated fins.
At the same time, the thermal effectiveness is reduced when the fin length is increased. However, this
effect is less pronounced in comparison to the impact of the fin spacing on the thermal performance.
This can be seen from the vertical axis: for variations of the fin length in the same order of magnitude
as variations in the fin spacing, the range of the effectiveness variation is more narrow. This effect is
explained by the slight variation of the overall heat transfer surface with the fin length.
In Figure 14, the relationship between the effectiveness and pressure drop is plotted for a varying fin
thickness t and constant s, h and l. In this case the trends are different.
The variation of the fin thickness also results in a trade-off between efectiveness and pressure drop,
but in this case the trends are different from the ones manifested for s and l: a higher t leads to higher
effectiveness values, but implies an undesired higher pressure drop. However, the allowable thickness
depends on the desired structural strength of the heat exchanger and the manufacturing process.
30
Figure 14: Relation between e and ∆P for different t
All in all, the effectiveness improves when the fin spacing is reduced, as the number of fins per plate
increases. In addition, the effectiveness increases when the fin thickness increases, as the heat transfer
surface per fin becomes more effective.
In terms of hydraulic performance, the pressure drops diminish when the fin spacing is increased, as this
leads to a wider free flow area. Moreover, the hydraulic performance improves with larger fin lengths,
which reduce the interruption of the flow, as well as with thinner fins.
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Volume
Although the volume of metal of the heat exchanger is not a performance characteristic, its relation to
the fin geometry is studied here, because it is the objective function for the design optimization in the
next section.
Using the expressions deduced in section 2 (1, 2, 3, 4), the following figures were obtained, where the
fin dimensions are expressed in meters (m) and the volumes in cubic meters (m3):
(a) Variation of volume with s and l
(b) Variation of volume with t and h
Figure 15: Variation of volume with fin dimensions
The most remarkable result from the graphs is the independence of the volume with respect to the fin
length. This can be explained with the formula for the fin volume over one core plate, which is the only
volume that is varied in this analysis. According to equation 4, the fin volume in one plate is
V1plate = 2V1 f in( f/p) = 2(htl)round
[
LhLc
l(s+t)
]
The presence of the fin length in the numerator and denominator of the expression almost eliminates the
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dependence of the volume on this parameter. This can be explained as follows: when having a smaller
fin length, more fins fit on the plate, so that the term ( f/p) increases. On the other hand, when the fin
length is larger, fewer fins fit on the plate, but the volume of a single fin is greater.
As for the rest of dimensions, as figure 15 shows, the larger the space between fins is (s), the fewer
fins fit on one core plate, and so the volume is lower. Regarding the height (h) and the thickness (t) of
the fin, the higher they are, the bigger the volume of a single fin is.
The conclusion is that for minimizing the volume of metal, the fin spacing should be increased; while
the thickness and height should be decreased. For an optimal design, also the trade-offs between effec-
tiveness and presssure drop presented in last subsection must be considered. In the next section, the
optimization of the heat exchanger design under these constraints is performed.
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6. Optimized Design
The former sections served as a study on the current design of the heat exchanger. In this section, the
objective is to perform the optimization of the fin geometry of the heat exchanger, in order to minimize
the quantity of material needed to manufacture it; while respecting constraints on a minimum effective-
ness and maximum pressure drops.
Optimization of the fin spacing and the fin length
The definition of the optimization problem is the following, when the fin spacing and length are the fin
dimensions to optimize:
min
s,l
Volume(s, l) such that

∆Ph ≤ ∆Ph,max
∆Pc ≤ ∆Pc,max
e ≥ emin
while considering
{
smin ≤ s ≤ smax
lmin ≤ l ≤ lmax
and m˙ fixed
In order to accomplish the calculations, the function fmincon from Matlab was employed[7].
The first step is to define the constraints of the problem. As an initial approach, the current performance
of the heat exchanger (effectiveness and pressure drops) defined by the models is set as a constraint,
which means that the minimum effectiveness and the maximum pressure drops are chosen according
to Table 3 (Computed data) for the correlations of Manglik and Bergles. The following table shows the
values of the constraints:
Parameter Constraint
∆Ph,max 595Pa
∆Pc,max 1680Pa
emin 0.609
smin 0
smax Ca
lmin 0
lmax Ca
Table 6: Constraints of optimization problem
The minimum value for the fin dimensions (smin, lmin) is set to zero, so no negative values are consid-
ered. The maximum values (smax, lmax) are established considering the geometry of the channel where
the fins fit, as explained below.
The fins inside the tube are oriented parallel to the direction of the flow, which is different for the cold
and the hot channels, as shown in Figure 16. For the hot side, the length of the fin can not exceed the
flow length of the hot flow along one tube (Ca), hence, lh ≤ Ca. For the same reason, the fin spacing
can not exceed the flow length of the cold flow along the tube (Lc), meaning sh ≤ Lc. At the cold side,
according to Figure 16, the fin length is limited by the flow length of the cold flow along the tube, hence
lc ≤ Lc; and the fin spacing is limited by flow length along the hot side tube (Ca), so sc ≤ Ca.
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Figure 16: Maximum values for fin spacing and length (smax, lmax)
Because the dimensions of the fins are the same for the hot and the cold channels, the most restrictive
values for the maximum fin length and fin spacing are chosen for the optimization process. According to
the values of the tube dimensions defined in section 2, the most restrictive maximum length is lmax = Ca,
according to the hot side. The most restrictive maximum spacing is smax = Ca, according to the cold side.
The optimization process is first performed for the nominal mass flow rates, indicated by the symbol m˙,
and the constraints presented in Table 6. This optimization results in the values summarized in Table 7.
The fluid properties and inlet temperatures are kept the same as in the experimental test (Table 1).
Parameter Optimized value
s 0.012m
l 0.045m
Volume 6.32m3
∆Ph 595Pa
∆Pc 1680Pa
e 0.609
Table 7: Optimized values s and l for nominal mass flow rate
These values are represented in the figures discussed in section 5 (Figure 17) in order to locate the opti-
mal operating point for the considered constraints in the effectiveness and pressure drop charts. First,
the optimized design is indicated on the pressure drops figure (Figure 17(a)); then it is shown in the
effectiveness figure (Figure 17(b)) with the volume lines added. In the figure, the fin dimensions are
expressed in meters, the pressure drops in Pascals, the effectiveness is dimensionless and the volume
in cubic meters. For Figure 17(a), the red isolines stand for the hot side and the blue isolines stand for
the cold side. In Figure 17(b), the blue isolines stand for the effectiveness, and the green-yellow isolines
represent the volume.
35
(a) Pressure drops
(b) Effectiveness and volumes
Figure 17: Optimization values s and l for nominal mass flow rate
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A comparison of the optimized fin spacing and fin length from table 7 with the original fin spacing and
length from section 2 indicates that the performance of the current design is close to optimal.
The same analysis was performed for the different mass flow rates previously studied. The constraints
considered for the effectiveness and the pressure drops are those corresponding to the current perfor-
mance of the heat exchanger for each of these mass flow rates, shown in Tables 4 and 5. These constraints
are again sumarized in the table below.
Parameter m˙× 5 m˙× 10 m˙/5 m˙/10
∆Ph,max 9192Pa 29867Pa 38Pa 11.9Pa
∆Pc,min 25961Pa 84347Pa 109Pa 33.6Pa
emin 0.46 0.4 0.72 0.77
Table 8: Constraints of optimization problem for non-nominal mass flow rates
The minimum and maximum fin spacing and length are set as in the optimization problem for the
nominal mass flow rate (m˙), as in Table 6. The results of the optimizations are shown in Table 8.
Parameter m˙× 5 m˙× 10 m˙/5 m˙/10
s 0.0125m 0.012m 0.013m 0.0119m
l 0.0408m 0.045m 0.0371m 0.0485m
Volume 6.19m3 6.32m3 6.04m3 6.35m3
∆Ph 9124Pa 29867Pa 38Pa 11Pa
∆Pc 25767Pa 84347Pa 108Pa 32Pa
e 0.46 0.4 0.72 0.77
Table 9: Optimized values s and l for different mass flow rates with the design performance as constraint
As it can be seen from the data obtained in Table 9, the optimized volume and fin dimensions s and l
are nearly independent of the defined mass flow rates. In all cases, the optimal dimensions are close to
the design case, so the volume experiences very slight variations. The effectiveness in all cases is equal
to the constrained minimum effectiveness emin. The pressure drops decrease slighty in all cases, and are
then under the maximum constrained values defined in Table 8. All in all, all the constraints remain
satisfied. The conclusion is that when choosing the current values of performance of the designed heat
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exchanger as constraints, the heat exchanger is working at a nearly optimal level.
The next step in the optimization process will be to analyze the optimal fin geometry (fin spacing and
length) for different constrained values in effectiveness and pressure drops.
For the nominal flow, the minimum effectiveness will be considered within the range [0.5, 0.8]. For
the pressure drops, the distinction between the hot and the cold sides will not be considered in order to
simplify the representation of the results. This means that in the following optimization problem, the
following assumption is made:
∆Ph,max = ∆Pc,max = ∆Pconst.
At the same time, the average pressure drop is set as a reference, which is defined as
∆Pre f =
∆Ph+∆Pc
2 = 1135Pa
with ∆Ph and ∆Ph the computed values for the pressure drops in the current design (Table 3, Manglik
and Bergles). Both ∆Pre f and ∆Pconst are expressed in Pascals.
The ratio of the constrained pressure drop to the reference average pressure drop (∆Pconst/∆Pre f ) will
be within the range [0.5, 5], which means that the constraint for the pressure drop goes from half the
reference average pressure drop to a 5 times higher value of this reference.
The following figure represents the lines of constant optimized fin spacing and length (also called iso-
lines) when the constraints vary within the defined ranges. The dimensions are expressed in meters and
the minimum effectiveness is dimensionless.
(a) Optimal fin spacing
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(b) Optimal fin length
Figure 18: Optimized values s and l for nominal mass flow rate m˙ for different constraint effectiveness
and pressure drops
The conclusions which can be deduced from the graphs are enlisted below:
(i) For more restrictive constraints concerning the pressure drops (moving towards the origin on the
horizontal axis), the optimal fin spacing is reduced and the optimal fin length is increased. As discussed
in section 5, lower s values lessen the free flow area, and lead to higher pressure drops. But a longer fin
implies less interruption of the flow, and reduces the pressure drop. Fom the figures it can be seen that
the rate of change of l with ∆Pcons/∆Pre f is higher than for s. Hence, it can be affirmed that the fin length
has a more dominant impact on the hydraulic performance of the heat exchanger.
(ii) A more restrictive minimum effectiveness constraint (moving upwards in the vertical axis) is achieved
by diminishing the fin spacing and boosting the fin length. Figure 7 reflects that the dependence of the
effectiveness on l is less significant than on s. Actually, the slight reduction of the effectiveness caused by
enlarging the fins is compensated by the rise of the number of fins per plate caused by the reduction of
s. This increase of the number of fins leads to a higher heat transfer surface, and thus to a better thermal
performance. This means that the critical parameter to improve the thermal effectiveness in this case is
the fin spacing, and this improvement is achieved by reducing this parameter.
(iii) A trade-off between effectiveness and pressure drop constraints can be identified when addressing
the isolines: less restrictive pressure drop constraints allow higher effectiveness values; while reducing
the minimum desired effectiveness leads to lower maximum pressure drops. This is defined as a Pareto
frontier, characterized as an state in which it is impossible to make a preference criterion better off with-
out making at least one individual or preference criterion worse off [8].
(iv) The optimization process is also limited by the geometric constraints imposed on s and l. The
39
effectiveness values can not be improved over a certain limit value which is reached when the fin spac-
ing approaches zero or the fin length reaches its maximum limit (Ca = 0.443).
According to the analysis performed, the thermal and hydraulic performances are improved by re-
ducing the fin spacing and increasing the fin length. But the volume considerations must be taken into
account, as it is the objective function to minimize. The figure below shows the volume isolines for the
constraints considered. The volume is expressed in m3:
Figure 19: Optimized volumes for nominal mass flow rate m˙ for different constraint effectiveness and
pressure drops
The fin spacing has the highest impact on the optimized volume, as mentioned in section 5. The re-
duction of the fin spacing leads to more fins fitting on one plate, thus to a higher total fin volume. It
can be seen that for more restrictive constraints for the effectiveness and pressure drops, the minimum
volume is increased. This means that a better thermal and hydraulic performance of the heat exchanger
demands a higher quantity of material.
All in all, a final trade-off between volume of material and performance is found. To minimize the
volume of metal in the heat exchanger, the fin spacing should be increased, while the fin length nearly
has no impact. But to maintain a certain constrained thermal and hydraulic performance, the fin spacing
should be reduced and the fin length increased.
The same optimization analysis was performed for the four non-nominal mass flow rates. The follow-
ing figures give the optimal fin spacing and fin length (represented by isolines) as well as the minimized
volume. As in the rest of the figures, the fin dimensions are expressed in meters (m), the minimum
effectiveness emin is dimensionless, the volume in cubic meters (m3) and the ratio ∆Pconst/∆Pre f is di-
mensionless.
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(a) Optimal fin spacing
(b) Optimal fin length
(c) Optimal volume
Figure 20: Optimized s, l and volume for m˙× 5 for different constraint effectiveness and pressure drops
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(a) Optimal fin spacing
(b) Optimal fin length
(c) Optimal volume
Figure 21: Optimized s, l and volume for m˙× 10 for different constraint effectiveness and pressure drops
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(a) Optimal fin spacing
(b) Optimal fin length
(c) Optimal volume
Figure 22: Optimized s, l and volume for m˙/5 for different constraint effectiveness and pressure drops
43
(a) Optimal fin spacing
(b) Optimal fin length
(c) Optimal volume
Figure 23: Optimized s, l and volume for m˙/10 for different constraint effectiveness and pressure drops
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All the figures present similar trends, and lead to the same conclusions drawn for the nominal mass
flow rate m˙. An analogous trade-off is identified between the performance of the heat exchanger and
the required material volume: an improved thermal and hydraulic performance demands a bulkier heat
exchanger; and a lighter heat exchanger has a lower effectivenesses and higher pressure drops.
The improvement of the performance is for all the cases achieved via a reduction of the fin spacing
and an increase of the fin length. Minimizing the volume is accomplished by increasing the fin spacing.
As it can be seen in the figures, the optimization process is limited to a certain range of constrained
minimum effectivenesses around the current designed performance of the heat exchanger for each mass
flow rate. For very restrictive constraints (minimum effectivenesses over a certain limit, maximum pres-
sure drops below a certain limit), the isolines lose their uniform increasing behaviour. This uniform
behaviour is also lost for less severe pressure drop constraints when the mass flow rates below the nom-
inal one are studied. As Table 5 reflects, lower flow rates lead to lower pressure drops, meaning this
constraint is easier to satisfy. This explains the spacing isolines of Figures 22 and 23.
As introduced in section 5, higher flow rates lead to lower effectivenesses values, and vice versa. This
explains the differences in the volume isolines for the different mass flow rates: to achieve the same
thermal performance, designs for a higher mass flow rate (m˙× 5, m˙× 10) require more material vol-
ume. This is reflected on the vertical axis range for each case. In the two cases over the nominal flow
rate, the range of minimum effectivenesses (vertical axis) is below the range defined for m˙ ([0.4,0.7] for
m˙× 5, [0.35, 0.65] for m˙× 10). On the other hand, in the cases where the mass flow rates are lower than
in the nominal scenario, the defined emin range is over the range defined for m˙ ([0.55, 0.9] for m˙/5, [0.6,
0.95] for m˙/10 ).
Optimization including the fin thickness and the fin height
The optimization process described in the last section addressed the fin spacing and fin length as inde-
pendent parameters to obtain a minimum volume while maintaining a certain thermal and hydraulic
performance. The fin thickness and height were considered constants during this procedure. In the
following paragraphs, the optimization of t and h is briefly discussed, and the reasons why these pa-
rameters were not considered in the original optimization will be argumented. These reasons are mainly
related with the restrictive geometric constraints that the fin thickness and height present.
• Optimization considering the fin height (s, l, h)
As introduced in section 5, the fin height is limited by the channel height, D. In the previous sections,
the fin height was defined in the same way as for the offset strip fins, and for this structure the height of
the fin equals the channel height (when neglecting the fin thickness). This is shown in Figure 24(b). On
the contrary, when the beam-shaped fin structure present in the heat exchanger is considered, the height
of a single fin corresponds to half of the height of the offset strip fin (h/2), as shown in Figure 24(a) [9].
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(a) Beam-shaped fins (b) Offset strip fins
Figure 24: Cross-sectional view of channel for the beam-shaped and offset strip fin structures
As the correlations used can only be applied for the offset strip fin structure, the dependence of the fin
height on the channel height (h = D) must be considered. This means that the effect of the fin height h
cannot be studied in the optimization procedure without optimizing the channel height D as well.
When looking at section 5 (Figures 8 and 10), it can be seen that an increase of the fin height leads
to a better thermal effectiveness, due to a higher heat transfer surface. The dependence of the pressure
drops on this parameter is almost negligible. These trends seem to indicate that greater fin heights will
improve the thermal performance while not affecting the hydraulic behaviour.
The optimization was performed, now taking into account three variables: the fin spacing s, length l
and height h, which would be equal to the channel height D. Hence, both h and D are optimized. To
show the effect of the optimization in a specific example, a close value to the current fin height was cho-
sen as maximum constraint for h (hmax = 0.04m). In practice, this value would depend on the maximum
channel height, which in turn depends on the maximum volume set for the heat exchanger. The value
was chosen close to the current design fin height in order to show the impact within a narrow variation
range, as the suitability of the model for this three variable optimization is not physically proven.
For the same variable constraints considered in the last section (Figure 18), the optimal fin heigth ob-
tained was hopt = 0.04m for the fin (and hence Dopt = 0.04m for the channel), which is in fact the
maximum possible height according to the definition of the problem. The following figures represent
the optimal fin spacing and fin length, and the optimal volume, when implementing the three-variable
optimization for the nominal flow rate m˙. The fin dimensions are expressed in meters (m), the minimum
effectiveness emin is dimensionless, the volume in cubic meters (m3) and the ratio ∆Pconst/∆Pre f is di-
mensionless.
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(a) Optimal fin spacing
(b) Optimal fin length
(c) Optimal volume
Figure 25: Optimized s, l and volume for m˙ in the three-variable (s, l, h) optimization
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The same trends observed in the two-variable optimization for the optimal s and l can be identified in
these figures. This similarity is due to the constant value of the optimized fin height, which makes the
optimization procedure similar to the one developed in last section. The main differences concern the
effectiveness values reached and the minimum volumes.
It can be seen that including the fin height in the optimization leads to better thermal performances
for the same values of optimal s and l (in Figure 25, the isolines are placed upward in the y-axis com-
pared to Figure 18). This is due to the new value of h.
As for the minimum volumes, the increase of the optimal fin height with respect to the design value
has an impact over the isolines, which are now placed at a higher position in the vertical axis. This
means that more volume will be required to achieve the specified performances, due to the increase of
h.
Both impacts can be considered negligible when compared to the optimization of the fin spacing and
length. At the same time, the constraint over the channel height is not known. The obtention of an opti-
mal height equal to the maximum constraint value seems to indicate that the optimal value approaches
infinity for a non-defined maximum height. This could mean that the current model does not allow
physically realistic optimization for h = D, s and l, at least for values far from the designed ones. These
reasons justify the absence of h in the first optimization problem.
• Optimization considering the fin thickness (s, l, t)
The main constraint for the fin thickness is imposed by the manufacturing process. By-Cast develops the
heat transfer surface of its heat exchangers through a casting process which consists in pouring liquid
metal inside a mold, which solidifies resulting in the final piece [10].
When implementing a three-variable optimization targeting the fin spacing, length and thickness, with
zero as lower boundary, the results for the optimal fin thickness are for all the performance constraints
range approximately zero. This would imply an absence of fins, so the physical interpretation of the
optimal fin spacing and length would not have sense. This is just a consequence of the fact that correla-
tions are tuned to experiments and not necessarily obey physical limits.
The explanation why the optimal fin thickness approaches zero is based on the trade-off between the
minimization of the metal volume and the performance constraints. From section 5 it is noted that a
lower fin thickness leads to a better hydraulic performance (Figure 10), as the reduction of t enlarges the
free flow area, thus attenuates the pressure drops across the channels. At the same time, this reduction
of t deteriorates the thermal performance (Figure 8) due to less available heat transfer surfaces. On the
other hand, the volume of the heat exchanger reduces when the fin thickness decreases.
The results of the s, l, t optimization problem indicate that the minimum volume and the hydraulic
performance are dominant over the thermal performance when optimizing t. More specifically, the neg-
ative impact of the reduced thickness on the effectiveness is negligible when compared to the positive
impact upon the minimum volume and the pressure drops. This is the reason why the optimal t values
are almost zero in the numerical solution of the problem. As mentioned before, in practice these values
are not feasible, so the the fin thickness will be maintained as it currently is.
Just to show the impact of the fin thickness in the optimization, the three-variable (s, l, t) optimization
process was performed assuming tmin = 0.001m as the minimum fin thickness that could be achieved
by the manufacturing method. The optimal fin thickness obtained would be the lower possible value,
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this is, the minimum thickness imposed, topt = tmin = 0.001m. The following figures were obtained for
the optimal fin spacing, fin length and volume. The fin dimensions are expressed in meters (m), the min-
imum effectiveness emin is dimensionless, the volume in cubic meters (m3) and the ratio ∆Pconst/∆Pre f
is dimensionless.
(a) Optimal fin spacing
(b) Optimal fin length
49
(c) Optimal volume
Figure 26: Optimized s, l and volume for m˙ in the three-variable (s, l, t) optimization
The obtained isolines show the same trends as for the two-variable optimization, leading to the same
conclusions already presented. The influence of the optimized thickness can be seen in the improved
performances and minimum volume with respect to the two-variable optimization.
As it happened with the (s, l, h) optimization, the new optimal dimension (in this case t) leads to better
thermal effectivenesses and hydraulic performance for the same optimal dimensions in the (s, l) calcu-
lation. In the graphs, this is reflected in the shift of the isolines towards higher values with respect to the
vertical axis. It should be noted that is not the new thickness which improves the thermal effectiveness,
but the overall optimization of the three parameters (a reduction on t reduces e, but this effect is com-
pensated by the optimal spacing and length).
At the same time, the impact upon the minimum volume is notable: to accomplish the constraints
imposed, the volume of metal is lower when taking into account the fin thickness in the optimization.
As a conclusion for this section, the fin thickness is not optimized due to manufacturing constraints
which limit its minimum value. However, if this value could be reduced, a lower fin thickness together
with the optimization of s and l would allow better performances with less volume of iron.
50
7. Conclusions
An overview about the main concepts of the report, as well as the main conclusions obtained, is pre-
sented in this section.
The performance and the design of the APH VIII-31-2658-HTB-P2(8/2) heat exchanger model, man-
ufactured by the company ByCast, has been studied in this report. This is a cross flow heat exchanger
with unmixed hot and cold flows, constituted of 31 columns of channels defined by finned core plates.
The fins are beam-shaped and placed to improve the heat transfer between the flows, and they are de-
fined by four dimensions: the spacing between fins (s), the fin length (l), the fin thickness (t) and the fin
height (h). The performance of the heat exchanger was studied with respect to the fin dimensions.
The thermal performance (i.e., the effectiveness) and the hydraulic performance (i.e., the pressure drop)
of the heat exchanger were analysed according to models based on the offset strip fin structure cor-
relations [3], in particular, Manglik and Bergles correlations [4]. The approximation implied by these
correlations leads to certain limitations which affect the computed characteristics of the heat exchanger.
More specifically, the model underpredicts the convective heat transfer coefficients h, leading to lower
thermal effectivenesses than in the experimental test over the device; and the pressure drops differ
slighty from those measured in the real heat exchanger, although they show the same trend (the cold
flow has a higher pressure drop than the hot flow). The lack of information about the measurement
procedure in the test complicates the comparison between the model and the experiment.
Both the effectiveness and the pressure drops were assessed in relation with the fin dimensions. The
following conclusions were obtained for the thermal performance of the heat exchanger, and are pre-
sented in Figures 7 and 8:
• A reduction in the fin spacing s leads to a higher effectiveness due to an increase in the number of fins
per plate.
• The effectiveness is nearly independent of the fin length l due to the compensation between the num-
ber of fins and the surface of a single fin.
• An increment of the fin thickness t produces higher effectivenesses as it increases the heat transfer
surface of the fin.
• The effectiveness is nearly independent of the fin height h due to the constraints imposed by the
channel dimensions over this parameter (h).
As for the hydraulic performance, the dependence of the pressure drops on the fin dimensions is shown
in Figures 9 and 11. The following conclusions were deduced:
• An increment of the fin spacing s boosts the free flow area in a channel basis, hence leading to lower
pressure drops.
• A higher fin length l reduces the number of rows of fins in the core plate, hence reducing the in-
terruption of the flow and the pressure drops.
• An increment of the fin thickness results in higher resistance against the cross of the flow, leading
to higher pressure drops.
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• The hydraulic performance is almost independent of the fin height h.
According to these conclusions, there are several trade-offs between thermal and hydraulic performance
when assessing the fin dimensions, shown in Figures 12, 13 and 14. Higher fin spacings reduce the
pressure drop but also the effectiveness. The fin lenght presents a similar trend. On the other hand,
increasing the fin thickness boosts the effectiveness but also the pressure drops.
The last part of the report aims to optimize the design of the heat exchanger by assessing the fin di-
mensions. The objective is to find the optimal fin dimensions which minimize the quantity of material
needed to manufacture the heat exchanger, while respecting constraints about a minimum effectiveness
and maximum pressure drops.
The optimization performed for the fin spacing and length for varying constraints relative to the thermal
and hydraulic performances is shown in Figures 18 and 19. The main conclusions are the following:
• More severe thermal and hydraulic constraints demand a reduction of the fin spacing and an increase
of the fin length.
• For the optimized dimensions, there exists a trade-off between effectiveness and pressure drops, so
the improvement in one of these performance characteristics will worsen the other.
• The fin length has a more dominant impact over the hydraulic performance, while the fin spacing
is the critical dimension for the thermal performance.
• There is a trade-off between minimum volume and performance.
All in all, a reduction of the fin spacing and an increase of the fin length will improve the performance
of the heat exchanger, but the volume of material required will be higher.
The fin thickness and fin height were not considered in the original optimization due to geometric con-
straints and the characteristics of the manufacturing process, but it is concluded that a slight reduction
on the fin thickness and a slight increment of the fin height (as well as the channel height, D), together
with the discussed optimization, would improve the performance of the heat exchanger.
All the mentioned analysis were performed considering five different fixed mass flow rates. It is con-
cluded that lower flow rates lead to better thermal and hydraulic performances, although this parameter
is usually imposed by the system in which the heat exchanger is integrated.
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